Purpose -The paper aims to analyze the evolution of the lubrication regime by studying the variation of friction coefficient with the rotational speed of the shaft and the impact of the applied load in the starting phase of a cylindrical journal bearing. The paper also aims to ensure that the oil layer is large enough for the rough edges of the outer layer of the bushing and the shaft cannot come into contact. The bearing is made of steel backing material and babbitted (88 per cent tin) on its inner surface. Design/methodology/approach -A numerical analysis is performed taking into account the thermal effect to better predict the operating performance of a hydrodynamic plain cylindrical journal bearing during the start-up and observe the variation of the heat production in bushing inner surface. The flow is modeled based on the Reynolds equation and discretized using the finite volume method. Findings -The evolutions of the start-up speeds of the bearing have remarkable influence on friction torque; average temperature and dissipated power increased with increasing speed and increasing load, but the maximum pressure and the eccentricity decreased with the increase of the start-up speed. The friction coefficient, minimum film thickness and attitude angle increase with elevation of start-up speed. Originality/value -For the start-up speed of 750, 1,000 and 1,800 rpm and an applied load of 1,000 N, the regime of lubrication of the bearing passes the hydrodynamic regime to the mixed regime; therefore, during start-up and under heavy loads, the bearing must move very quickly at these speeds to avoid contact of the inner surface of the bearing and the shaft. 
Nomenclature

Introduction
Cylindrical journal bearings have been widely used in industrial applications for more than a century. However, their thermohydrodynamic (THD) behavior in transient regime (i.e. during start-up of the bearing) has recently been investigated, as bearing performance is definitely impacted in transient periods, due to sudden main parameter changes such as speed or load. The relevance of thermal effects in lubricated mechanism in the transient regime was recognized by the early works of Ezzat and Rhode (1974) and Ettles et al. (1988) . In their paper, Khonsari and Wang (1992) theoretical results have concluded that equilibrium is reached in a very short period (around 0 and 2 seconds). A comprehensive study of transient THD effects on bearing submitted to dynamic loads was realized by Paranjpe and Han (1994) , considering heat flow continuity at the fluid-solid interface. Monmousseau et al. (1997) presented an analysis in 1997, a complete thermoelastohydrodynamic model in transient regime for a tilting-pad journal bearing which takes into account the heat flux continuity at the oil film-solid interfaces. Kucinschi et al. (2000) propose an advanced bi-dimensional model necessary to calculate the temperature field in a journal bearing submitted to both rapid and slow start-ups. Their model takes into account realistic thermal boundary conditions at fluid film-solid interfaces. Wang et al. (2005) presented a numerical analysis of a tilting-pad thrust bearing during start-up in 2005. They studied both the effects of start-up time and start-up load on the temperature distribution in the oil film. They showed that the fluid film forms quickly at the beginning of the start-up procedure and also that the film temperature is lower in a rapid start-up than in a slower start-up.
Bouyer and Fillon's study (2008) provided experimental measurements of the bush torque during start-up, for transient regime, by applying various static loads and start-up accelerations. They showed that the torque is very sensitive to oil temperature. For low static loads, the acceleration time has no influence on the maximum torque recorded during start-up. Three years later, Bouyer and Fillon (2011) presented an experimental measurement of the friction torque on hydrodynamic plain journal bearings during start-up.
The present study investigates the effect of temperature in transient regime by resolution of the energy equation with the finite difference method. This analysis studied the impact of start-up speed and radial load on operating characteristics of the bearing because the rotation start-up speed of the journal bearing is too slow to generate sufficient hydrodynamic pressure to support the load. Besides to follow the evolution of the Lubrication regime of a cylindrical journal bearing, while calculating the coefficient of friction, using the classification of various lubrication phenomena which was presented for the first time in 1902 in the Stribeck curve a journal bearing (Stribeck, 1902) .
Theoretical analysis
Reynolds equation
The pressure field is determined by the resolution of the generalized Reynolds equation in transient regime-starting phase (1) under classic assumptions in the (O, ¡ , z ¡ ) coordinate system. Figure 1 illustrates the schematization of plain cylindrical journal bearing.
To determine pressure field, Reynolds boundary conditions are used. They are shown as follows:
For bearing:
At the limit of the rupture zone, the Reynolds conditions apply:
r is the angular coordinate in rupture zone:
is the average angular speed of the shaft and the bearing to the load.
The viscosity variation as a function of temperature is obtained by the McCoull and Walther (1921) relationship with a ϭ 0.6 and m and n being two coefficients calculated from two values of the dynamic viscosity of the lubricant at different temperatures:
The temperature field
The temperature field in the lubricant film is calculated from the energy equation (6). The details of this part are to be found in a previous work by Pierre and Fillon (2000) :
Friction torque
The calculation of the friction torque is done by integrating the shear stress at the shaft surface (y ϭ h) or (y ϭ 0).
Figure 1 Schematization of plain journal bearing
On the shaft,
On the bushing,
Velocities U B and U s are given by the expressions below: For shaft,
For bushing,
Where h s is the height of the oil film for ϭ s · e and s are the input and output limits, respectively, of the oil film. The interval [ e , s ] defines the active area of the film (p Ն 0) and [ s , e ϩ2 ] is the inactive zone of the film (p ϭ 0). The friction coefficient (f) is calculated with the following formula:
The term R B is the bushing radius.
Numerical resolution of THD effect on transient regime of the circular journal bearing
In this section, an analysis is exposed relative to start-up speed of the shaft and applied load for a cylindrical journal bearing. We also make a predictive assessment of the THD behavior of a lubricated mechanism. The ANSYS CFX Code has been used to obtain pressure field distribution through a resolution of the energy equation, pertaining to the difference finite method. This method solves the differential equations that govern fluid flow. The integration of the Reynolds equations on each control volume to derive an equation linking the discrete variables of the elements surrounding all these equations eventually forms a matrix system. CFX-5.7 uses an algorithm called "coupled solver" that solves the hydrodynamic equations (for u, v, w, P and T) as a single system. The numerical method is detailed in the document ANSYS CFX-Solver Theory (2003); this algorithm makes use of the interpolation method of Rhie and Chow (1982) to prevent disturbance of the field pressure. This method is among the best methods to save memory space and computing time.
Numerical resolution strategy
The numerical resolution strategy of an ANSYS CFX code is as follows:
• modeling of the structure, meshing;
• modeling of the load;
• solving Reynolds equation by the finite difference method;
• calculation of the pressure field;
• solving the interpolation equations and calculation of overall structure stiffness matrix;
• calculation of displacement, strain; and
• calculation of operating characteristics of the bearing.
Geometrical model creation
The shaft made of steel is driven by an electric motor of 21 kW with a diameter of 99.82 mm, a bushing of an internal diameter of 100 mm and an external diameter of 140 mm ( Figure 2 ). This results in a bearing with a radial clearance of 90 m.
The first bearing layer is a 38-mm thick steel structure, whereas the second layer internal is a low-friction material (tin) with a thickness of 2 mm (88 per cent Babbitt ASTM B23-949).
Geometric discretization
As most of the pre-processor computer codes finite element or finite difference, the geometric model is created: first, the definition of the geometry (points, lines, surfaces and volumes), and second, the generation of the mesh. The computational domain is discretized into a fixed number of adjacent finite volumes by using the finite volume method. The mesh of the computational domain and the choice of mesh elements are determined by the geometric shape.
The physical domain shown in Figure 3 is discretized into volume tetrahedral elements form. For the boundary conditions (Figure 4 ), a supply pressure is applied in the three supply ports while assuming that the inlet and outlet of the fluid with a temperature of 60°C and in the pressure of 0.04 MPa, except the shaft is considered to be a rotating element. However, the bushing is recessed on its outer diameter. The loading system is simulated by an orifice of diameter of 14 mm, and the direction of the fluid inlet is the same radial load direction with variable pressures calculated by the ratio of the load on the bearing surface, with temperature of 60°C.
Results and discussions
Numerical simulation is carried out to find the limits of the THD model when the bearing is operating under start-up rotational speed. Bearing and lubricant characteristics and operating conditions are presented in Table I . The mechanical and thermal characteristics of the bearing elements are given in Table II. The operating conditions are a feeding temperature of 60°C and a supply pressure of 0.04 MPa. The radial load varies from 1 to 20 kN and rotational speed varies from 150 to 1,800 rpm. The study will try to show which values of start-up rotational speed and radial load are required on the operating parameters of the bearing for the THD model.
Influence of rotational speed and applied loads
To analyze the influence of start-up speed of shaft and applied load on the operating parameter of the bearing and on the relevance of the use of the THD simulation, a bearing subjected to a radial load ranging from 1,000 to 20,000 N and rotational speeds ranging from 150 to 1,800 rpm has been chosen. The analyses were carried out at a feeding oil temperature of 40°C and a supply pressure of 0.08 MPa. The pressure distribution in bearing median plane; in a case where bearing is running at a start-up rotational speed of 150-1,800 rpm and for an applied load of 1,000 N, as shown in Figure 5 . It is noted that pressure is very significant at low speeds and it reduces when the start-up speed increases. Figure 6 illustrates a three-dimensional view of the circumferential distribution of pressure field in mid-plane of bearing for three directions x, y and z at a feeding temperature of 60°C and a supply pressure of 0.08 MPa, for a rotation speed of 750 rpm and a radial load of 1,000 N. The figure clearly shows that the maximum pressure is at the angular position of 180°, and the peak of the pressure profile is located near the zone of minimum film thickness. We notice that at Figure 7 presents the maximum pressure variation vs the start-up rotational speed, and under applied loads 1-20 k for feeding temperature of 60°C and supply pressure of 0.4 MPa. The maximum pressure is 42.136 MPa; this pressure is obtained in a case where bearing is running at a rotation speed of 150 rpm, with a radial load of 20,000 N. The start-up speed increase will lead to a pressure reduction of 47 per cent under an applied load of 20 kN. On the other hand, in the case of a bearing submitted to a load of 1 kN, maximal pressure shows a less significant reduction of 2 per cent with a start-up speed increase.
The friction torque has been obtained assuming that all the bearing filled with lubricant. The effect of start-up velocity on friction torque distribution is presented in Figure 8 . It is noted that the friction torque increases with rotational speed. The results show that the friction torque due to action of the bushing surface increases significantly with increasing speed, which causes heating and reduction of the oil viscosity. The friction torque values are significant for a rotational speed case of 1,800 rpm and for a radial load of 20 kN; the maximal value is estimated of 1.062 Nm.
Variation of the average temperature in the fluid according to the start-up rotational velocity of the shaft and for applied loads of 1,000, 5,000, 9,000 and 20,000 N is demonstrated in Figure 9 for a feeding temperature of 60°C and a supply pressure of 0.4 MPa. As can be seen in Figure 9 , the temperature increases with the increase in shaft speed. For an applied load of 1,000 N, the temperature increases from 60.5 to 62.5°C with increase of the start-up velocity. Figure 10 presents the variation of the friction coefficient according the start-up rotational speed and for radial loads of 1,000-20,000 N. We can see that for speed (150-1,800 rpm), and under a radial load (1,000 N), friction coefficient has a highest increase (0.002-0.0104), is estimated of 50 per cent. In this case, the lubricant layer is discontinuous because the coefficient is 0.00104; this value is between 0.008 and 0.12 (the mixed regime). In this case, the thickness of the lubricating layer is less than the height of the roughness of the inner layer of the bushing and the shaft. The surfaces remain in contact by their roughness which causes a considerable mechanical resistance to crushing and tearing. This cycle, repeated, tends to induce overheating. With hydrodynamic lubrication, a rise in the temperature which reduces the viscosity will reduce the friction factor, thus reducing the heat generated. This cycle tends to produce a stable operating temperature.
For another case, the oil layer, large enough for the rough parts, may not come into contact because the friction coefficient is quite low and does not exceed 0.001 (hydrodynamic regime).
The eccentricity variation of the shaft in the bearing is illustrated in Figure 11 for the speed case of 1,800 rpm, and for the applied load of 1,000 N, the eccentricity is not as low and an increase of the start-up speed of the shaft causes an estimated sharp reduction of eccentricity by 30 per cent. Attitude angle variation vs shaft rotational speed, for an applied load (1,000-20,000 N), for THD calculation is presented in Figure 12 . Curves show an increase of 5 per cent of the attitude angle for loads 5,000, 9,000 and 20,000 N with a rotational speed variation of 150-1,800 rpm and an increase of 20 per cent for an applied load of 1,000 N.
The relationship between start-up speed and dissipated power that has been performed at a temperature of the feed oil of 60°C, pressure of 0.04 MPa supply and under loads of 1,000-20,000 N is given in Figure 13 . This figure clearly shows that the variation of shaft speed of 150-1,800 rpm Figure 14 illustrates the evolution of the minimum film thickness according the start-up rotational speed of the shaft for an angular position of 180°. The minimum value of film thickness is noted for an applied load of 20,000 N. We can observe that the increase start-up speed of the tree caused a slight increase in film thickness, from 9.5 to 28.9 m (estimated 23 per cent) for the radial load of 20,000 N. In contrast, for an applied load of 1,000 N, the increase is from 38 to 81 m (53 per cent).
Relevance of the THD model
In this paragraph, two different simulations are compared: an isothermal simulation (HD) at the feeding temperature (60°C) and a THD simulation (THD) that takes into account the local thermal effect. At the starting phase of the bearing, the rotational speed is 500 rpm and radial load is 1,000 N. The operating conditions are presented in Table I .
The maximum pressure is affected by thermal effect; it increases by Ͼ 10 per cent, as can been seen in Figure 15 . This is due to the decrease in viscosity and, consequently, the increase in eccentricity. However, the minimum film thickness shown in Figure 16 is the most modified. The HD simulation underestimates the minimum film thickness (by 10 per cent) because it does take into account the thermal effect. 
Conclusion
This article presents a study dedicated to the identification of different operating characteristics of cylindrical journal bearing in starting phase. For this purpose, we solve the unsteady Reynolds equation by using the numerical finite difference method. This work led to the following conclusions:
• The consideration of thermal effects showed that the maximum pressure has a remarkable increase and reached almost 50 per cent, which is largely overestimated by HD simulation. The thermal effects have a considerable influence on the minimum film thickness.
• The evolutions of the start-up speeds of the bearing have remarkable influence on friction torque; average temperature and dissipated power increased with increasing speed and increasing load, but the maximum pressure and eccentricity decreased with increase of the start-up speed.
• The friction coefficient, minimum film thickness and attitude angle increase with elevation of start-up speed.
• For the start-up speed of 750, 1,000 and 1,800 rpm and an applied load of 1,000 N, the regime of lubrication of the bearing passes the hydrodynamic regime to the mixed regime; therefore, during start-up and under heavy loads, the bearing must move to these speeds very quickly, to avoid contact of the inner surface of the bearing and shaft.
